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PREFACE

The purpose of this study is the investigation of the 

feasibility of obtaining effective and economical comfort cooling 

from a combination indirect-direct evaporative cooling system 
which utilizes an air-to-air regenerative heat exchanger.
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ABSTRACT

Indirect evaporative cooling, can be defined as a process in 

which an evaporatively cooled fluid is used in conjunction with a 
heat exchanger to absorb heat and sensibly cool air. If this sensibly 

cooled air is in turn also evaporatively cooled, the process is termed 

indirect-direct evaporative cooling. The heat absorbing fluid can be 

either air, or water which has been evaporatively cooled. There are 

inherent disadvantages associated with the use of evaporatively cooled 

water. In order to ascertain the effectiveness of using evaporatively 

cooled air as the heat absorbing fluid, an indirect-direct evaporative 

system was built and tested utilizing a rotating, air-to-air regener

ative heat exchanger.
The results of the testing and analysis indicate that such a 

system could economically produce physiologically acceptable comfort 

cooling, providing certain conditions are met. These conditions are,

(1) sufficiently efficient evaporative coolers must be used and,

(2) the heat exchanger must have a high effectiveness while offering 

low frictional resistance to the passage of air.

yiii



CHAPTER I

INTRODUCTIONI

The relatively hot and dry climate of much of the southwestern 

area of the United States presents a unique opportunity for the study 

of environmental engineering. In this area* environmental comfort 

has been obtained by using both the oldest and the newest of cooling 

methods, The oldest method, but sometimes the least appreciated, is 

that of evaporative cooling. The newer methods consist of the various 

methods of mechanical refrigeration.

Undoubtedly, one of the main reasons for the rapid population 

growth of the southwest was the advent of relatively inexpensive 

evaporative cooling. It would be difficult to conceive of growth in 

such a climate with little or no means for air conditioning.

Although the evaporative cooler did its job fairly well, it 

still had its limitations--it did not perform well in humid weather, 

did not consistently produce sufficiently comfortable conditions, and, 

at times, it functioned as a discomfort reducer rather than as a com

fort producer.

The recent years have seen a rapid increase in the number of 

mechanical refrigeration units installed in domestic arid commercial 

buildings. The comfort producing capabilities of these systems 

usually depend on the initial investment. Even the cheapest system,



if properly sized and installed, can usually outperform an evaporative 

system. However, the capital investment for a refrigeration unit is 

at least four times as much as an evaporative unit of comparable 

capacity. In addition, the operating costs are-much higher for a 

refrigeration system than for an evaporative system. It is, therefore, 

of interest to explore the possibility of a system which would be 

intermediate in the initial and operating costs and which would ap

proach in performance the cooling capabilities of a refrigeration 

system.

Such a system* described as a combined indirect-direct evap

orative cobling system, is described and analyzed in the following



CHAPTER II

THEORY OF EVAPORATIVE COOLING 

ADIABATIC SATURATION OF AIR 

The term* "adiabatic saturation of air" was defined by
■IDr» Willis H. Carrier and is applicable* under certain circumstances* 

"to the adiabatic humidification of gases and the drying of materials» 

The term can apply to either partial or complete adiabatic saturation 

of a gas with a vapor. The saturation of air with water vapor is 

considered in this paper. However * this basic thermodynamic princi

ple may also be applied to other gas-vapor systems.

The following classical experiment demonstrates the adiabatic 

saturation of air with water vapor, (Figure 1 describes the process) „ 

In order for adiabatic saturation to occur* the following conditions 

must be satisfied: (a) the vessel must be perfectly insulated —

that is* no heat can leave or enter the system through the container 

walls; (b) the vessel must be long enough to allow sufficient time 

for the air and water to reach equilibrium conditions with respect to 

one another; (c) the system must be under steady flow conditions.

Since the process is adiabatic* the total heat in the system will 

remain constant and will consist of the sum of the latent and sensible 

heats. The ratio of latent to sensible heat can assume various values 

so long as the total heat in the system remains constant. The

3. , .
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ha

WvWv

Saturated water at 
temperature t_

Adiabatic Wall

Definitions:

t^ = entering dry-bulb temperature, F.

t£ = leaving dry-bulb temperature, °F.

W v = humidity ratio of entering air, pounds of 
water vapor per pound of dry air.

WV2 = humidity ratio of leaving air, pounds of 
water vapor per pound of dry air.

APPARATUS FOR ADIABATIC SATURATION OF AIR 

FIGURE 1



dashed line in Figure 1 will define the boundaries of the system. 

Energy entering the system will be equated to energy leaving the sys 

tern. This relationship is expressed by the equation:

Ei — E2 (1)

where

E% = energy entering the system.

E2 = energy leaving the system.

Equation 1 can be expressed in terms of its components as:

?! + Kx + Ux + Wfx + Q = ?2 + K2 + U2 + Wf2 + Wp (2)

where

P = potential energy.

K = kinetic energy.

U = internal energy.

Wf = flow energy.

Q = heat energy.

Wp = pump energy.

In order to satisfy the conditions that (1) the process is adiabatic 

and (2) no pump energy is required ( i.e., there are no friction 

losses ), it is necessary that Q = 0, and Wp = 0. In this process 

it is assumed that the entering and exiting elevations are equal (?x 

?2 ), and the entering and exiting velocities are equal (K^ = K2 ). 

Equation 2 then assumes the form:

U x + Wfx = U 2 + Wf 2 

The sum of the terms U and Wf is defined as enthalpy (H). The above
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equation then becomes:

H1 = H2 (3)

or, the enthalpy entering the system is equal to the enthalpy leaving 

the system. For ease of calculation, one pound of dry air will be 

considered. and can be expressed in terms of their separate 

components as:

= ha^ + Wv-̂  hv^ + (Wv£ - Wv^)hf2 

H2 = ha2 + WV2 hv2

where

ha = enthalpy of dry air.

hv = enthalpy of water vapor.

hf = enthalpy of saturated water.

Wv = humidity ratio - pounds of water vapor per 
pound of dry air.

Therefore,

ha^ + Wv^ hv^ + (Wv2“ Wv^)hf2 =. ha2 + WV2 hv2 (4)

The water vapor entering the system is in a superheated condition, 

and hv-̂  is the superheated enthalpy. The water vapor leaving the 

system is saturated, and hv2 is the corresponding enthalpy at satur

ation. A convenient empirical expression for the enthalpy in Btu 

per pound, of low pressure, low temperature, saturated water vapor 

is:

hg = 1060.8 + 0.45 ti



where

hg = enthalpy of saturated water vapor. 

ti = dry-bulb temperature of saturated water vapor.

This indicates that the change of total enthalpy of saturated vapor 

is 0.45 Btu/pound per °F of change. Inasmuch as the change of 

enthalpy per degree Fahrenheit of superheated vapor is also 0.45 

Btu/pound-°F for air temperatures less than 200°F, the change of 

enthalpy of superheated vapor equals that of saturated vapor at equal 

temperature. Since the change of enthalpy per °F, and the datum 

point for zero enthalpy are the same for both superheated and satu

rated water vapor, the enthalpy of superheated vapor equals that of 

saturated vapor at the same temperature. This statement is borne 

out by the fact that water vapor in air at low partial pressures

can be treated as an ideal gas with little error, and since the

enthalpy of an ideal gas is a function of temperature only, it can 

be seen that the enthalpy of superheated vapor will very closely 

approximate the enthalpy of saturated vapor at the same temperature. 

Equation 4 can, therefore, be written as:

ha-̂  + Wv^hgi + (Wv2 - Wv^) = ha2 + Wv2hg2 

The enthalpy of air can be expressed by the equation 

h = cpa (t - td)

where

cpa = specific heat of air at constant pressure,

t = dry-bulb temperature of air, °F.

td = datum temperature, 0°F for air.
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or

h = cpa (t)
Therefore,

cpa + Wvi hg1 4- (Wv2 - Wv1)hf2 = cpa t2 + Wv2 hg2
or

cpa (t^ - t2) = Wv2 hg2 - Wvx hgl - (Wv2 - Wv1)hf2

Wv2 hg2 - W v h g ^  - (Wv2 - Wv1)hf2 5̂)
t 2 -tl ^

In this equation, t2 is the temperature obtained by the adiabatic
saturation of air with water. From the magnitudes of the terms in
equation 5, t2 is seen to be smaller than t T h e r e f o r e , the effect
of adiabatic saturation is to lower the dry-bulb temperature of a
gas-vapor mixture.

WET-BULB TEMPERATURE

The wet-bulb temperature is the dynamic equilibrium temper
ature reached when a small quantity of liquid evaporates into a 
large amount of unsaturated gas-vapor mixture. Consider the situation 
where a drop of liquid is immersed in a moving unsaturated gas-vapor 
mixture. Assuming that the drop is initially at a higher temperature 

than the dew point temperature of the gas-vapor mixture, the vapor 
pressure at the surface of the drop will be higher than that of the 
partial pressure of the vapor in the gas. The latent heat required 
for the evaporation of the liquid surface will be obtained by the 
lowering of the sensible heat of the drop. This will result in a



decrease in the dry-bulb temperature of the drop* As soon as the 

temperature of the drop becomes lower than that of the dry-bulb 

temperature of the gas-vapor, heat will flow into the drop* As the 

process continues, the flow of the heat into the drop will continue 

at an increasing rate as the temperature difference increases* When 

the rate of heat transfer from the gas to the liquid equals the rate 

of heat required for evaporation, the temperature of the drop will 

reach a constant low value t - the wet-bulb temperature*
I .

Under certain conditions, the wet-bulb temperature will

nearly be identical with the adiabatic saturation temperature of the 

gas-vapor mixture* A device for measuring the wet-bulb temperature 

is called a psychrometer. One type of psychrometer consists of a 

bulb-type thermometer with a moistened wick over the bulb* As a 

stream of air is passed over the wet wick, the temperature is lowered 

to the wet^bulb temperature* In order to obtain a wet-bulb temper

ature which corresponds to the adiabatic saturation temperature* 

shielding of the wick is necessary to minimize the heat transfer due 

to radiation* If air is blown across the wick at a high velocity . 

(1000-1200 feet per minute), the ratio of convective heat transfer to 

radiation heat transfer will be large enough to minimize temperature 

error due to radiation* This velocity can be achieved by rapidly 

swinging the wet-bulb thermometer through the air* This type of 

instrument is called a sling psychrometer* It is also possible to 

achieve the desired velocity by using a fan of some other type of 

mechanical aspirator*
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PSYCHROMETRIC CHART

While the different variables of a gas-vapor mixture can be 

solved by using the fundamental mathematical relationship of the 

thermodynamic properties, this procedure can be long and involved,
A simplified approach to the determination of these various prop
erties, involves the use of the psychrometric chart. The psy- 
chrometric chart is a graphical representation of the thermodynamic 
and physical properties of a gas-vapor mixture. The properties 
usually used in the construction of a psychrometric chart are dry- 
bulb temperature, wet-bulb temperature, specific volume, relative 

humidity, and enthalpy. These items are all related. If any two 
of them are known, the others can be read directly from the psy

chrometric chart. The psychrometric chart was, to a great extent, 

developed by Dr. Willis H. Carrier at the turn of the century.
Dr. Carrier showed that the latent heat of vaporization was equal 

to the sensible heat obtained from the cooling of air, A typical 

psychrometric chart is shown in Figure 2.

SATURATION EFFICIENCY

Referring to Figure 2, it may be seen that partially sat

urated air undergoing a process of perfect adiabatic saturation 

would follow the state line from point 1 to point 3. This state 

line is one of constant enthalpy, or for all practical purposes, 
one of constant wet-bulb temperature. The mixture at point 3 would 
be 100 percent saturated. In actual practice, the air-vapor mixture
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rarely reaches a state of 100 percent saturation, but is usually 

only partially saturated. This brings forth the term saturation 

efficiency. An air-vapor mixture undergoing a process of partial 

adiabatic saturation would follow the state line from point 1 toward 

point 3. However, due to the fact that complete saturation is not 

obtained, the end condition would be at point 2. Saturation 

efficiency can be described symbolically as:

result in a decrease in dry-bulb temperature and an increase in 

specific and relative humidity. The magnitudes of these changes 

will depend upon the saturation efficiency of the cooling process.

1 3
where

tdb = dry-bulb temperature, 0F

S ince

where

twb = wet-bulb temperature, °F

then

It can be seen from Figure 2 that evaporative cooling will



CHAPTER III

PHYSIOLOGICAL ASPECTS OF HUMAN COMFORT 

MEANS OF BODY HEAT REJECTION

Under warm ambient conditions, the human body attempts to

maintain a constant temperature by releasing heat in the form of

latent or sensible heat, or a combination of the two. The main

methods of heat rejection are convection, radiation, and evaporation.
A small percentage of heat is rejected by other means such as by 

■ J
conduction, the excretion of body wastes, and the rejection of heat

during the respiration process.
When the body is surrounded by warm still air, the film of 

air next to the perspiring surface becomes very humid. As time 

passes, this stagnant film approaches saturation, and the perspira
tion rate of the body decreases. Any circulation or movement of air 

will break up this layer of humid air and improve the evaporation, 

thus cooling the skin. When the surrounding temperature is warmer 

than the skin temperature (approximately 86°F), the body cannot re

ject heat by radiation. When ambient air conditions are such that 

convection, radiation, and evaporation cannot handle the body's heat 

load, the body temperature rises. Uncomfortable and sometimes 

dangerous physiological conditions are then experienced. The designer 

of any successful air conditioning system must be aware of a number of 
important factors which physiologically affect human comfort. Some

' ' ■ 13 "■
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of these factors are effective temperature, heat and moisture losses 

in the human body, and air motion.

EFFECTIVE TEMPERATURE

Effective temperature is a parameter which is an index of the

degree of warmth or cold felt by the human body in response to air

temperature, air motion, and the moisture content of the air. Effec
tive temperature (ET) cannot be measure directly but corresponds to 
the temperature of saturated still air (velocity of 15 to 25 fpm) 

which would induce the same sensations of warmth or coolness as those 

produced by the air surrounding a person..,
f

COMFORT CHART

Figure 3 shows the ASHAE comfort chart for still air. As can
be seen, it is possible to have the same effective temperature with

different combinations of wet- and dry-bulb temperature. In practice, 
equal comfort conditions are not obtained at all points on a particu

lar effective temperature line. Either high or low extremes of rela
tive humidity can cause discomfort regardless of the effective 

temperature. The chart has both summer and winter comfort curves»

The curves indicate the percentages of people, participating in tests, 

who found effective temperatures satisfactory for comfort.
The comfort chart has several limitations which should be

mentioned,
- - . ' '

Application of summer comfort line is limited to homes, offices 
and the like, where the occupants become fully adapted to the
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artificial air conditions„ The line does iiot apply to theaters, 
department stores, and the like where the exposure is less than 
three hours. The summer comfort line shown pertains to Pittsburg 
and to other cities in the northern portion of the United States 
and southern Canada and at elevations not in excess of 1000 feet 
above sea level. An increase of one degree ET should be made ap
proximately per 5 degree reduction in northern latitude (ASHAE 
1957),

Data from the summer curves of the ASHAE comfort chart have 

been plotted on the psychrometric chart in Figure 4, The percentage 

figures indicate the percent of people feeling comfortable at the 

indicated Effective Temperature. The relative humidity range has 

been limited to between 20% to 80%. The Effective Temperature has 

been adjusted for a latitude of 33° (Phoenix, Arizona), No correc

tions have been made for elevation.

COMFORT ZONE

The Comfort Zone is generally defined as being bound by the 
50% comfort lines. The Comfort Zone contains the conditions where 

50% of the people who have been occupying a room for one hour or more 

are comfortable. It must be kept in mind, also, that a percentage 
of the people will actually feel comfortable between the 0% and 50% 
lines, and the rest of the people will experience some degree of com
fort. Therefore, space conditions in this part of the zone should not 

necessarily be considered undesirable. All cooling processes, whether 

inside or outside the comfort zone, reduce discomfort. While many of 

these processes cannot make people ideally comfortable, they can make 

them comfortably warm rather than uncomfortably hot.
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COMFORT COOLING USING THE EVAPORATIVE PROCESS

Listed below is a partial list of the minimum requirements for 
evaporative comfort cooling proposed by Dr. J. R. Watt (1960, p , 113)*

(1) Direct evaporative coolers have average saturating ef
ficiencies of 70 percent or more; the cooled air entering the room

, without prior heat gain,
(2) The cooled air induces a maximum average indoor air 

velocity of some 200 fpm.
(3) The cooled air gains at least 6°F indoors before its 

final dischargee
(4) The cooled spaces average 3 F above cooler discharge

temperature and average 70 percent relative humidity or below.
o(5) The cooled spaces average at least 8 F below outdoor dry- 

bulb temperature to counteract entering heat and provide a tempera
ture differential with the temperature outside.

GEOGRAPHICAL LIMITATIONS OF EVAPORATIVE COOLING

Because evaporative cooling is so dependent upon climatic 

conditions, it is obvious that geographical limitations must be con

sidered when designing such a system.

Since evaporative cooling is a process of approximate adia

batic saturation, the limiting condition will be the wet-bulb tempera

ture. Certain authorities (Gordon and Perry 1942, p. 32) suggest that 

where the wet-bulb temperature is below 75°F for the.greater portion 

of the required cooling time, evaporative cooling can be satisfactorily
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applied. An isotherm map, showing average summer wet-bulb tempera

ture data for the United States is shown in Figure 5, This map 

indicates that in many locations where evaporative cooling is popular, 

the 75° wb limit is approached or exceeded, Additional considerations 

concerning the feasibility of evaporative cooling are (1) the local 
need for cooling and (2) whether the purchasers of evaporative equip

ment feel economically satisfied with the results. Studies have 

shown that while evaporative cooling is used extensively in the United 

States, many consumers consider coolers economically satisfactory if 

less than a third of the hours in which cooling is needed are rendered 

comfortable. This indicates that evaporative coolers are considered 

to be discomfort reducers rather than comfort producers.



The wet-bulb temperatures shown will be exceeded not more than 
5 per cent of the total hours during June to September, of a 
normal summer. 

5 
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CHAPTER IV

INDIRECT EVAPORATIVE COOLING

Indirect heat exchange may be defined as a process which 
occurs when energy is transferred between two or more fluids with
out actual direct contact between the fluids. When an indirect heat 

exchanger is used in a system in which the heat absorbing fluid has ■ 

been previously cooled by an evaporative process, the process is 

called indirect evaporative cooling. The heat absorbing fluid in 

this case can be either (1) water which has been evaporatively. cooled 

or (2) air which has been cooled during an evaportive process. It 

can be seen that the indirect evaporative cooling process cools air 

by means of a heat exchanger in conjunction with an evaporative 

cooling system, thus sensibly lowering the air temperature with no 

increase in specific humidity,

SINGLE STAGE INDIRECT EVAPORATIVE COOLING

Indirect evaporative cooling systems were being used in 

Arizona and California in 1929, before direct evaporative coolers 

had evolved from the experimental stage. The first commercial in

direct cooler was made by the Oscar Palmer Manufacturing Company,

The components of this system were a natural draft cooling tower, a 

pump, a copper radiator, and a fan. Water was cooled in the tower by 

being sprayed through circulated air, The cooled water was then



passed through a fin-tube type radiator „ Either room air or fresh 
outside air was then passed through the radiator and sensibly cooled. 

With this type of system it was possible to obtain air cooled to 
within 8°F above ambient wet-bulb temperature (Gordon and Perry 1942, 

P. 39).
There are several disadvantages associated with this type 

of system. The first is the large physical size which is necessary 

to obtain an appreciable amount of cooling. The cooling tower, which 

can be either forced or natural draft occupies considerable space and 

can be rather unsightly. A second disadvantage is the initial cost 

of the equipment. A third disadvantage and, by far, the most serious, 
is the tendency of the water side of the heat exchanger to scale up 

due to the use of hard water. Since the cooling tower is evaporating 
water, the minerals which are left behind concentrate and plate out 
on the metal tubes . This problem can be alleviated to an extent 

by bleeding off a percentage of the concentrated water. Even with 
bleed off, however, a certain amount of scale is still formed, and 

acid cleaning of the system is a frequent requirement.
A way to circumvent the disadvantages of using a water cooled 

heat exchanger is to use an air cooled heat exchanger. This heat 
exchanger would use evaporatively cooled air as the cooling medium.' 

The heat exchanger which will be used in the system proposed in this 

paper is of the rotating regenerative type; Experimentation and 

testing of this type of single stage indirect cooling has been done 

by Mr. Neal Pennington of Tucson, Arizona.
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DUAL STAGE INDIRECT-DIRECT EVAPORATIVE COOLING

So far, only single stage direct evaporative cooling has been 

considered. Theoretically, it could be possible to obtain both 

(1) increased sensible cooling and (2) better physiologically accept

able environmental conditions, by the addition of a second evaporative 

cooler which would further cool the cool dry air being discharged 
from the single stage indirect system. Combination indirect-direct . ' 
evaporative system utilizing water-to-air heat exchangers have been 

used in this manner with considerable success. Don Eckholdt (1960) ' 
has built and tested such a system. Eckholdt's system made use of a 

plate type, counter flow, water-to-air heat exchanger. Although his 

system's effectiveness was reduced by heat exchanger design limita

tions, his results indicated that with the proper equipment, this type 
of system was entirely feasible. Robert Kennedy (1953) j. designed and. 

installed a dual system in a house-trailer. His system made use of 

automobile radiators for the heat exchange elements. This system op

erated very successfully. His tests indicate that the system gave good 

cooling results with a minimum of operating cost. However, the cooling 

coils tended to scale and capacity was ultimately limited.

As previously mentioned, it is also possible to use evapo- 

ratively cooled air as the cooling medium for the second stage 

evaporative cooler. Referring to Figure 6, a generalized combined 

system cycle is plotted on the psychrometric chart. The process 
path A-B-C is that of the primary Side. The secondary side process
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path is A-D-E. Point A is the ambient outside air. As the primary 
air is evaporatively cooled it follows the path A-B. Upon passing 
through the heat exchanger it is sensibly reheated to point C. The 
hot incoming secondary air at temperature A, is sensibly cooled by 
the heat exchanger to point D. The air is then evaporatively cooled 
by the secondary cooler to point E. While it is not an actual.part 

of the cooling process done in the combined system, there is one 
^additional path that must be considered when applying the combined 
system to actual use. After the air has been cooled to point E, it 

then enters a room and', in the process of cooling the room is 
heated to point F . The reheating can be the result of either 

sensible or latent heat, or a combination of the two.
Because of the afore-mentioned advantages of an air-to-air 

heat exchanger, a combined indirect-direct cooling system was de

signed, built, and tested, using this type of device. This indirect- 

direct cooling system will be henceforth termed the combined system. 
The following chapters will describe the combined system, and give 
the results of the testing.



CHAPTER V

SYSTEM DESIGN

In order to test the proposed cooling principle, & prototype 

of the system was designed and constructed. The test set up had to 
be of a sufficient scale to insure that the experimental results 

could be extrapolated to larger systems. The system layout is shown 

in Figure 7. Photographs of the system are seen in Figures 8 and 9. 

The following sections will describe the selection and design of 

the individual components.

DESIGN OF DIRECT EVAPORATIVE SYSTEM

The evaporative coolers which were available for use were 

both rated at 2000 cfm. The system was sized for an estimated flow 

of 750 cfm. As seen in Figure 7, the primary cooler would discharge 
through the heat exchanger and the secondary cooler would take its 

suction from the heat exchanger. The resistance encountered in the 

heat exchanger would reduce the rated capacity of the coolers. Since 

the heat exchanger was to be designed with a frontal area proportional 

to flow, it was necessary to estimate the effect of the heat exchanger 

resistance on the cooler output. Since the heat exchanger was yet to 

be built, no information was available as to the.magnitude of the 

friction losses. As an approximation, it was assumed that the output 

of each cooler would be reduced to 750 cfm.
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Both evaporative coolers were originally furnished with a 
float controlled valve to furnish makeup watere These valves were 
removed so that no makeup water would be added during testing, thus, 
water consumption could be measured

All ducts leading to and from the evaporative coolers and 
heat exchangers were insulated with one inch thick fiberglass and 
wrapped with plastic film. This was done to minimize heat transfer 
to or from the air in the ducts.

An enclosure was built around the secondary cooler. This 

enclosure was needed to direct the incoming air flow from the heat 
exchanger to the three inlet sides of the secondary cooler.

DESIGN OF REGENERATIVE HEAT EXCHANGER

The continuous regenerative principle employed in the heat 
exchanger utilizes a rotating element containing the heat transfer 
surface. Each revolution produces a complete cycle of exchange in 

which heat from the hot secondary air is absorbed by the matrix in 
the rotor, and this heat is released as the rotation moves the 
matrix into the path of the cooling air.

By far,:the greatest time consuming aspect of the construc
tion of the test apparatus was the fabrication of the heat exchanger. 
Preliminary design and subsequent modifications involved approxi

mately 375 man-hours of labor.
The ratio of volume flow rate to frontal area of similar 

commercial heat exchangers is approximately 500 cfm/sq.ft.. Since
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the estimated cooler output was approximated at 750 cfm, the diameter 
of the drum was approximately two feet. The rotating drum shaped 
element was formed by wrapping sheet metal around a frame of two 

twenty-six inch bicycle wheel rims. This diameter approximated the 
desired frontal area. The drum was attached to each end of a machined 
aluminum shaft with three radial one-fourth inch diameter spokes. The 

drum was sectioned into twelve p-ie-. shaped segments by sheet metal 

radial dividers. These dividers were spaced and attached at the shaft 
by longitudinal grooves which had been machined into the shaft. The 
dividers were soldered to the inside of the drum. The rotor assembly 

was then mounted on bearings in a plywood casing, as seen in Figure 10.
Two types of seals were required. Radial seals were necessary 

to prevent leakage between the two halves of the rotor. The seals 

consisted of strips of felt attached to the ends of the radial di

viders. These strips were aligned so that there was an interference 

fit with the bow shaped adjustable radial seal plate. In addition, 

circumferential seals were used to prevent air from passing between 

the plywood enclosure and the exterior of the drum. These seals 
were made of sheet rubber and attached to the plywood enclosure so . 

as to produce a snug fit against the circumference of the rotor.

These seals can be seen in Figure 10.
A pulley driven power shaft was connected to the rotor by 

a pair of right angle miter gears. A vee-belt transmitted the power 

to the pulley from a motor driven constant speed gear reducer. The
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speed of rotation was controlled by varying the pulley ratio be
tween the gear reducer and the power shaft.

As originally constructed, the heat exchanger had a matrix 

of coarse steel wool. The advantage of this material is that it 
has a highyS ratio (ratio of matrix surface area to matrix volume). 
This would insure a high rate, of heat transfer provided that 
frictional resistance of. the matrix is not large enough to cause 
an excessive reduction in air flow. During the initial testing of 
the heat exchanger, problems were encountered with this material. 
When the steel wool was packed in the rotor, a sufficiently con
stant matrix density could not be obtained. The steel wool also 
could not be adequately attached to the radial dividers. During 

operation, the air flow followed the path of least resistance, 
through the more loosely packed areas and along the sides of the 

radial dividers. Another problem encountered was that the matrix 

was exposed to alternating counter flow with the result that the 
matrix was periodically cycled in an axial direction. This con
tinued until compression of the steel wool caused the matrix to 

decrease in axial length. The result was an increase in friction 
with a corresponding decrease in air flow. For these reasons, 
steel wool was discarded as a matrix material. Since a matrix of 

high^ ratio is desirable for a regenerator of this type, cor
rugated aluminum wire screen was next considered as a matrix,:
This material proved to be satisfactory in every respect. A photo

graph of the corrugated matrix can be seen in Figure 10.
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Heat Exchanger Effectiveness. Heat exchanger effectiveness 

is defined as:

7  = __9_« Qmax

where
Q = actual heat transferred, Btu/min.
Qmax = maximum theoretically possible heat trans

fer, Btu/min.
Considering the primary side of the heat exchanger, the 

actual heat transferred to the air is:

Qp = Wp cp (tp1 - tp2)

where
Wp = primary air flow rate, Ibs./min.
cp = specific heat of air, Btu/lb.-°F.

otp^ = temperature of incoming primary air, F .
tp2 = temperature of leaving primary air, °F.

A minus sign in the result of the above equation would indicate that 

the air had been heated.
The maximum heat transfer would occur if the air left the 

primary side at the same temperature as the incoming air on the 

secondary side. Therefore, the primary side maximum heat transfer 
can be expressed as:

Qmax = Wp cp (tp^ - ts^)

where
ts^ = temperature of incoming secondary air, °F.



35

From the two foregoing equations, the primary side effective

ness can be derived as:
Wp cp (tp1 - tp )

7 p = Wp cp (tp^ - ts^)

7
I? tPi - ts^

The same analysis can be made of the secondary side to obtain:
tSi - ts,'2

where
i - tpi

tsg = temperature of leaving secondary air, °F
A term that expresses overall heat exchanger effectiveness is 

the mean effectiveness. This is expressed by the equation:

-

2?
The mean effectiveness is only useful and meaningful under the con
ditions where both the primary and secondary flows and frontal areas 

are approximately equal. The heat exchanger was designed so that 

these conditions were met.

Analysis of Effectiveness Curve. The purpose of this thesis 

was not to design a regenerative heat exchanger of maximum possible 

effectiveness, but to consider a whole system in which a regenerative 

heat exchanger of adequate efficiency would be used to test the pro

posed cooling principle. The following procedure, while not being a 

rigorous analysis, was used to obtain an initial weight estimate.
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The matrix weight was calculated using an analysis of an 
assumed curve showing the relationship between heat exchanger mean 
effectiveness and rotor speed. This curve (Figure 11) was constructed 
by using data available from similar type exchangers (McGuiness), and 
by making some observations about the typical shape of this curve.
The following observations were made:

1. There is a fairly sharp decrease in effectiveness at 
approximately 20% of rated rotor speed.

2. The heat exchanger effectiveness decreases by approx
imately 15% at 20% of rated rotor speed.

Calculation of Matrix Weight. For a very low rotor speed, 
the temperature of all of the regenerative mass will approach the 

temperature of the flowing air which is passing through the respec
tive hot or cold air compartment. The effectiveness will then 

depend, in the limiting condition only, upon the storage capacity of 

the metal matrix when the rotor speed equals zero.
Consider the equation for heat exchanger effectiveness:

= Q (1)
Qmax

This equation provides a comparison of the actual heat transfer rate, 
and the thermodynamically limited maximum possible heat transfer 
rate. This limit would be achieved in a regenerator of infinite 

size. Since at very low speeds, the temperature of the matrix will 
alternate between the hot and the cold air temperatures, the heat 

stored or given up by the matrix would be:
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= G (cm) (ts1 - tPl) (n)
where

G = weight of matrix elements, lb.

cm = specific heat of matrix material, Btu/lb. °F
ts^ = secondary air, inlet temperature, °F

tp^ = primary air, inlet temperature, °F

n = rotor speed, rpm
Then consider the equation:

Qmax = W (ca) (ts1 - tp1)

where
W = weight of air flowing, Ibs/min

ca = specific heat of air, Btu/lb °F

The formulas for Q and Qmax can be substituted in equation (1) 

Therefore
'V = G (tSj - tPl) (n) _ G (Cm) (n)

W ica) (tsi - tPl) w  (ca)

Taking the derivative, and assuming that the curve is approximately
linear in the region of interest

d ?  as A.7 = G (cm)
d n  ^ri w  (ca)

Rearranging terms
G = W (Ca) A  7  (2)

cm ,  A - n

By using the assumed effectiveness curve, equation (2), and 

the desired design parameters listed below, the weight of the matrix 

can be calculated.
n = 2 0  rpm
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G = 750 cfm @ 90oF = 53.5 Ib/min.

= 0.75 G 20 rpm.

Then
A T  = 0.40 - 0.00
A n  2.00 - 0.00
a T  =0.20A n

Using equation (2)
G = 53.5 (0.24) (0.20)

0.214
G = 12.0

Therefore, the required matrix weight is 12.0 pounds.

Final Matrix Configuration. The configuration of the matrix 
elements was decided upon after consideration of two main factors ; 

the first being heat transfer ability, and the second being prac

ticality of construction. The resulting configuration was, of 

necessity, a compromise between these two factors.

According to Professor A. L. London (1964), one of the 

criteria for an efficient matrix, from both the heat transfer and 

friction loss viewpoint, is a high aspect ratio. Aspect ratio is de
fined as the ratio of the uninterrupted width of a matrix flow passage 

to the height of the passage. In order to use this criteria and also 

have the required matrix mass in the regenerator, a triangular cor

rugation was used as shown in Figure 10. The layers of corrugation 

were separated at each end by a one-inch wide flat strip of aluminum 

screen. While these strips interfered with the high aspect ratio at 

each end of the matrix, the section in between maintained a high ratio.



The corrugations were stacked in a radial direction rather than a 
circumferential direction to maintain this high aspect ratio„ By 
using this oriefitation, fewer layers were required to be cut to size 
and installed. The total weight installed was 14.2 pounds. This is 
a greater weight than was calculated and was the result of compression 
of the corrugated layers while they were being installed in the rotor.

Optimizing the Rotor Speed. Tests were made on the completed 

heat exchanger to determine the relationship between regenerator 
effectiveness and rotor speed. Hot air and cold air conditions 

were held constant throughout the tests.
The rotor speed was varied mechanically over a range of 12.0 

to 32.8 rpm by changing pulley ratios. Rotor speeds of from 2.0 to . 

7.5 rpm were obtained by hand cranking. Tests were of ten minute 
duration at each speed. Even though an absolutely steady rate of ro

tation was difficult to maintain by hand cranking, the variation was 

small and the total number of revolutions for the test duration was 

correct. Since these low rotor speeds were found to be on a fairly 
linear portion of the curve, speed variations did not cause any ap

preciable error.
The results of the tests are tabulated in Table 1, and the 

mean heat exchanger effectiveness is plotted in Figure 12. As can 
be seen, the shape of the curve is quite similar to the original 

assumed curve, although the effectiveness is not as high as the de

sign condition. This is a.result of the approximation of the shape 

of the original.effectiveness curve.
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TABLE I
HEAT EXCHANGER EFFECTIVENESS VERSUS ROTOR SPEED

ROTOR SPEED 
RPM

PRIMARY SIDE 
EFFECTIVENESS 

%

SECONDARY SIDE 
EFFECTIVENESS 

%

MEAN
EFFECTIVENESS

%

2,0 37.0 42.8 39.9

3.0 50.0 49,6 49.8

4.0 52.6 59.0 55.8

6.0 61.4 . 62.0 61.7

7.5 63.3 . 63.3 63.3

12.0 64.4 67.0 65.7

17.2 65.0 71.2 68.1
:24.2 67.0 71.2 69.1

32.8 67.0 71.6 " 69.3
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The optimum heat exchanger rpm can be found by calculating 
the point at which any increase in heat transfer due to increased 
heat exchanger effectiveness (i.e., increased rotor speed), is nul

lified by the increase in motor horsepower.
As a first step, a curve of power consumption versus rotor 

rpm was made. The rotor speed was varied over a range of 15.0 to 
32.2 rpm and power consumption was measured at each speed. The 
power was measured in watts and then converted to Btu/min. The 

result is shown in Figure 13.
The second curve, that of heat exchanger heat transfer versus

rpm was more difficult to obtain since this curve is dependent upon

ambient conditions, the primary cooler saturation efficiency, and 

secondary air flow. The following data were used as design conditions:
1. Wet-bulb temperature - 76 °F.

2. Dry-bulb temperature (t s - 106 °F.

3. Saturation efficiency of primary cooler - 0.65.
4. Secondary side air flow - 48.2 Ibs/min. (test data).
5. Rotor speed - 32.8 rpm.
6. Secondary side heat exchanger effectiveness - 0.716.

The heat transfer which must be considered is that which occurs in the 
secondary side of the heat exchanger. Following is an example of a 

typical calculation:
Calculate tp^.

tPl - tdb - £2p(tdb - twb)
tpx = 106.0 - 0.65 (106.0 - 76.0) = 86.5 °F
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Calculate ts2♦
ts, - ts2
ts1 - tpx

106.0 - ts2
0.716 = -----------106.0 - 86.5

ts2 = 92.0 °F
Calculate secondary side heat transfer.

Q = 48.2 (0.24) (106.0 - 92.0)
Q = 162.0 Btu/min.

This calculation was repeated for several points and then 

the curve in Figure 14 was drawn.
The optimum rotor speed will be at a point where an increase 

in heat transfer due to an increase in rotor speed is equal to the 

increase in heat exchanger motor power consumption. In other words,
the optimum point will be at the speed where the slope of the curve

in Figure 13 equals the slope of the curve in Figure 14.

Since the curve in Figure 11 is quite linear between 20.0 and

30.0 rpm, the slope is constant for all values in this range. The 

slope can be calculated as follows, and plotted in Figure 15.

A  Q = Btu/min.
A  n rpm

A  Q = 5.30 - 3.86
A  n 30.0 - 20.0

A  Q = 0.144 Btu/min-rpm
A  n

Since the curve in Figure 14 is non-linear, the slope is a 

variable with rpm and must be calculated at different rotor speeds.
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Referring to Figure 14, a tangent is drawn to the curve at point 1. 

The co-ordinates of points 2 and 3 are obtained and the slope is 

calculated.
A  Q = 162.3 - 158.3 
A  n 27.5 - 22.5
A  Q = 0.40 Btu/min-rpm 
A  n

Slopes were calculated for several speeds and the resulting curve was 

drawn in Figure 15. The point where the two curves intersect is the 
optimum speed. The optimum speed was found to be 27.6 rpm, and the 
pulley ratio on the drive motor was adjusted to give the desired 

result.



CHAPTER VI

SYSTEM AND COMPONENT PERFORMANCE RATING

In order to test the proposed system* it is necessary to 
determine what parameters can be used to rate the performance of 

the test components„

RATING EVAPORATIVE COOLERS

The basic problem in rating evaporative coolers isthat the 
process of adiabatic saturation is one of heat conversion rather than 
heat removal. Latent heat is increased with a corresponding reduction

I
in sensible heat (dry-bulb temperature). Most types of evaporative 
coolers are rated in terms of air flow and/or saturation effi

ciencies, not cooling terms. This gives rather marginal infor- .

mation, in that saturation efficiency can vary greatly with air flow 
and wet-'bulb depression. Two evaporative cooling units, delivering 
the same flow of air, can differ greatly in saturation efficiency, 

depending on design features such as pad thickness, pad areas, and 
water distribution effectiveness. Rating evaporative coolers by sat
uration efficiency is equally as deceptive. Two coolers yielding the 

same saturation efficiency can obviously differ greatly^ in flow;

therefore, only the degree of cooling, not the amount, is measured.
Dr. J. R. Watt (1960, pp. 303-08) has proposed a new rating 

system for evaporative coolers, with hew terminology. This allows



comparison of the performance of different evaporative coolers„ While 
this system is not yet standard in the industry, it has been used in 
two Masters Degree Theses (Kennedy 1953 £ Eckholdt i960) concerning 
dual stage indirect evaporative cooling systems. Dr. Watt*s method of - 

rating will be used in calculating the results of the proposed system; 
however, some of this terminology has been changed. This rating system 
was selected because (1) it is a logical, method of rating evaporative 

systems, (2) it can be adapted for rating indirect evaporative systems, 

and (3) a comparison can be made of the operating Characteristics of 
the two coolers in the proposed system.

GROSS SENSIBLE HEAT CONVERSION

As pointed out by Dr. Watt, since evaporative coolers operate 
by converting latent heat to sensible heat, the logical way to rate 
performance would be to measure the amount of sensible heat converted 
per hour. In an adiabatic saturation process the total sensible heat 
converted per minute equals the latent heat of the water evaporated 

per minute. Therefore, the gross sensible heat converted in Btu/hr 
can be expressed by the following formula:
- v y  ■= we hfg . ;

where

= gross sensible heat conversion, Btu/min.

W = pounds per minute of water evaporated.

hf - latent heat of water vapor at water tem
perature, Btu/lb. . . .
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SENSIBLE HEAT REGAIN

After the evaporative cooling has occurred, a certain amount 

of heat regain will be experienced. Heat regain consists of the 
following contributing components:

Fan and Pump Motor Sensible Heat Regain. This will probably 

be the largest contributing factor in sensible heat regain. All 
power used by fan and pump motors is assumed to enter the air stream 

as heat, or as kinetic energy imparted to the air, most of which is 

ultimately converted into heat. The following therefore applies:
(1) For each horsepower input, subtract 2544 Btu/hr; and (2) For each 
kilowatt input, subtract 3413 Btu/hr. !

Radiation Sensible Heat Regain. This term is usually of minor 
importance? however, where such radiation is encountered during test

ings the following approximations may apply:

1* Deduct 300 Btu/hr for each square foot of cooler surface 
area which is receiving solar radiation in a clear atmosphere.

2. Deduct 200 Btu/hr.for each square foot of cooler surface 

area which receives radiation in an industrial of cloudy atmosphere.

Make Up Sensible Heat Regain.. This term is usually small and 

should be considered only where the water source is very warm (20-30°F 

higher than wet-bulb temperature), and/or little or no water is re

circulated. This heat can be calculated as follows:

Make up Water Sensible Heat Regain = Wm (tm - tw^)



where 

Wm =Pounds per minute of make up water. 

tm = Dry-bulb temperature of make up water. °F 

twb= Wet-bulb temperature of enter ing air. °F 

NET SENSIBLE HEAT CONVERSION 

The net sensible heat converted by an evaporative cooler can 

be calculated by two methods. 

Water Loss Method. The net sensible heat converted is 

determined at the discharge of the evaporative cooler. Since this 

term is the difference between gross sensible heat conversion and 

the sum of the components of sensible heat regain, the following ex-

pression is obtained: 

Where 

= y - {K
1 

+ K + K ) 
2 3 

= Net sensible heat conversion, Btu/min. 

= Gross sensible heat conversion, Btu/min. 

= Fan and pump motor sensible heat regain, 
Btu/min. 

= Radiation sensible heat regain, Btu/min. 
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= Make up water sensible heat regain, Btu/min. 

Since the determination of gross sensible heat conversion in-

volves the measurement of the quantity of water evaporated, I have 

termed this type of calculation the water loss method. Since a very 

accurate measurement of water loss is required, this method can only 

be used when the test duration is of sufficient length to allow the 
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evaporation of a fairly large quantity of water. If only a small 
quantity of water is evaporated, the measurement error becomes 

relatively large with respect to the measured quantity.

Flow-Temperature Method. A method of directly measuring

net sensible heat conversion is available. It can be shown that:

= W Cp (ti - t2)

= Net sensible heat conversion, Btu/min.
= Inlet air dry-hulb temperature, °F.

= Outlet air dry-bulb temperature, °F.

= Weight flow of air, Ibs./min.
= Specific heat of air at constant pressure, 

0.24 Btu/lb - °F.
This method of evaluating net sensible heat conversion elimi

nates the necessity of calculating gross sensible heat conversion and 

sensible heat regain, but requires very accurate measurement of flow.
Both of the above methods were used in the initial testing of 

the system. Due to the difficulty in maintaining constant ambient 
conditions for much longer than a fifteen minute period, the flow 
temperature method was finally used.

While the net sensible heat conversion is a measure of cool
ing it is not an absolute or constant value, but varies widely with 

the wet-bulb depression of the ambient air. For the net sensible heat 
conversion method to be used as a comparison of the effectiveness of 
different evaporative coolers, the coolers would have to be tested at

y
where

t 2

W

CP
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identical ambient conditions.

UNIT SENSIBLE HEAT CONVERSION

Dr. Watt has suggested a parameter which would allow comparison 
of different evaporative units even if they were tested at different 

conditions. Since'^varies according to the wet-bulb depression, he 

suggests the term

This term would eliminate the effects of varying wet-bulb depression, 
and would be a figure of merit for comparing evaporative cooling units 

of the same size.

A parameter which will allow comparison of power consumption 

is unit sensible heat rate. This term is defined as:

tdb^ - twb^

where
Unit Sensible Heat Conversion, Btu/min 0F 

tdb^ = entering dry-bulb temperature, °F 

twb^ = entering wet-bulb temperature, °F

UNIT SENSIBLE HEAT RATE

7\ =
P

where
7\ = unit sensible heat rate, Btu/min-kw-°F.
P = electrical power used by evaporative cooler 

kilowatts
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RATING THE INDIRECT SYSTEM

The indirect system is composed of the primary cooling system,

the heat exchanger, and the secondary fan. The net sensible cooling

obtained from the indirect system is calculated as follows:
/

f  = Ws cp (tsl - ts2)
where z

= net sensible cooling, Btu/min.

Wg = secondary air flow, Ibs/min.

ts  ̂ = secondary air temperature to heat
exchanger, °F.

tS2 = secondary air temperature from heat 
exchanger, °F.

The net sensible cooling ( )  is a result of sensible cooling produced
by a rejection of heat (i. e., there is a net decrease in energy).

This differentiates this parameter from the net sensible heat conver

sion C ^ ) , in which there is no net loss of energy, but merely a change 

in the ratio of the latent and the sensible heats.
The cooling capacity of the indirect system varies with am

bient conditions and the performance of the primary cooler. There

fore, performance can be related back to these variables in the same 

manner that was used in rating evaporative coolers.

Indirect System Unit Sensible Cooling. This term is defined 

as follows: . ,

tdb-̂  - twb^



where

where

(T) = indirect system unit sensible cooling,
Btu/min-°F.

tdb^ = dry-bulb temperature entering the primary 
cooler, °F.

twb, = wet-bulb temperature entering the primary 
cooler, °F.

Indirect System Unit Sensible Heat Rate. This is defined as
x'

/
*7\ = indirect system unit sensible heat rate.

Btu/min-KW-°F.
P = power consumed by heat exchanger, primary

cooler, and secondary blower motor,-KW.

RATING THE COMBINED SYSTEM

The total effective cooling done by the combined system is
/

the sum of the cooling effected by the heat exchanger ( and the

secondary evaporative cooler ( .  The total power required by the 
combined system consists of that required by the motors of both 

evaporative coolers and the heat exchanger.

Therefore:

Y t  = y  + Y'-
where

yr = combined system net sensible cooling, 
Btu/min.
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Also:

•where

where

'̂j/ = indirect system net sensible cooling,
Btu/min.

"y/f = secondary cooler net sensible heat conver
sion, Btu/min.

Pt = pp + Ps + Ph

P = total combined system power consumption,
kilowatts.

P = primary cooler power consumption,
^ kilowatts.

P = secondary cooler power consumption,
kilowatts.

P^ = heat exchanger power consumption, kilowatts

Combined System Unit Sensible Cooling. This is defined as:

d  ^ £ _t  tdb - twb

0  = combined system unit sensible cooling,
r t  . Btu/min-°F.
td^ = ambient dry-bulb temperature, °F.

twy = ambient wet-bulb temperature, °F.

Combined System Unit Sensible Heat Rate. This is defined as

where the terms have been previously defined.



CHAPTER VII

INSTRUMENTATION AND TEST PROCEDURE

To produce valid test data, accurate instrumentation and
proper testing procedure are necessary. This chapter will describe

' . ' " . . ; ■ ' ■ ' - 
the measurement requirements, test instrumentation and equipment,

■/ i ' '■ ’ •and the test procedure used in testing the direct, indirect, and 
combined cooling systems.

MEASUREMENT REQUIREMNTS

For an accurate determination of the performance of the 
combined system, measurements must be made of (1) air flow, (2) 
dry-bulb temperature, (3) wet-bulb temperature, and (4) power con
sumption. This section will describe the measurement requirements, 
the measurements that were taken, and the methods by which they were 

taken.
Air Flow Measurement. Since the system was to be analyzed 

by the flow-temperature method, an accurate determination of air flow 
was required. Since there was a possibility of primary air leaking 
through the heat exchanger seals to the secondary side, initial meas

urements were taken at both the inlets and outlets of the primary 
and secondary sides. No measurable leakage was detected by the 
instruments. For this reason, only the primary and secondary out

let flows were measured.
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Since the air flow measurement was volumetric3 it was 
necessary to determine the temperature of the air so that volume 
flow could be changed to weight flow*

Drv-Bulb Temperatureo Dry-bulb temperature measurements 
were accurately obtained with little difficulty. Calibrated thermo
couples were used for all dry-bulb measurements, Dry-bulb temperature 

measurements were taken at points a - f as seen in Figure 6»
In an evaporative cooler there is considerable stratification 

of the cooled air between the saturated pads and the blower. This 
stratification! can be caused by uneven pad resistance9 uneven water 

supply, etc. If the heat added by the blower and water is to be 

charged to the cooler performance, temperatures can be taken at the 

discharge of the blower. The mixing action of the blower will result 

in a more uniform discharge temperature. For this reason, the blower 

discharge temperature was used for determining cooler performance.

In the case of the primary cooler, the inlet air was artifi

cially heated and humidified to obtain desired test condition. For 

this reason, care had to be taken to insure that the conditioned air 

which reached the cooler was unstratified® This was accomplished by 

placing mixing baffles in the supply duct and also by the use of a 

large mixing box which enclosed the cooler.
Due to the temperature gradient across the frontal area of the 

heat exchanger matrix, air leaving the heat exchanger had a definite 

temperature profile across the duct. The temperature was obtained by
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averaging the reading of four thermocouples spaced equally across the 
width of the ductc

Wet-Bulb Temperatureo Obtaining accurate wet-bulb temperature 
measurements is of prime importance in testing evaporative coolers<> 

Mechanically aspirated thermocouple psychrometers were used for this 
measurement<> Air was withdrawn from the system and measurede The 
air was then returned to the system to prevent its loss® Wet-bulb 
temperature measurements were taken at points a - f as seen in 

Figure 6.

Power Consumptiono Power consumption was measured with a 
rotating disc watt-hour meter® The power charged to the system con
sisted of that used by the heat exchanger and the primary and. secondary 
coolersAdditional required power for instrumentation and Auxiliary 
equipment was not charged to the system®

TEST INSTRUMENTATION AND EQUIPMENT

Air.. Plow® The greatest difficulty encountered in testing the 
evaporative coolers was in accurately measuring air flow® During the 

initial test of the combination system, a rotary vane-type anemometer 

was used® When an energy balance was calculated for the regenerative 
heat exchanger, results were obtained which indicated errors in the 
measurements of either temperature, air flow, or a combination of the 
two® The temperatures proved to be accurate® This indicated that 

inaccurate air flow measurement was responsible® Efforts were made to
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increase the accuracy of the measurement0 The cross sectional areas 
of the measurement section of the ducts were enlarged so that the 

sides of the ducts increased from two to five times the diameter of 
the anemometer vanes. This allowed more readings to be taken, and 
also the velocity in each sub area was more nearly uniform for each 

reading. A wire grid was placed at the discharge to define each sub 
area. Straightening vanes were added to the ducts to reduce turbu- • 
lence and to maintain an air flow which was more nearly perpendicular 

to face of the anemometer. Originally, the measurements were taken 

at the very end of the discharge ducts. Because.the cross sectional 
area of the ducts were large, the air velocities were low, particu

larly toward the sides of the ducts. Difficulty was encountered with 

stray room currents affecting the anemometer, giving erratic results, 

and in one instance, actually turning the vanes in a backward direc

tion. This difficulty was alleviated by taking the measurements 

farther back in the ducts. However, in spite of all of the above pre

cautions, flow measurements remained erratic. At this time, an ac
curate hot-wire anemometer was secured and with this instrument valid 

results were finally obtained. The anemometer was an Anemotherm Air 

Meter, made by the Anemostat Company of America.

Thermocouple Construction. The material used in both the dry- 

bulb and wet-bulb thermocouples was 22 gauge copper-constantan thermo

couple wire. This material was usdd because of its superior 
characteristics in the temperature range to be measured. These 

qualities are (1) high accuracy, (2) good thermoelectric power, and
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(3) very low parasitic emfs due to inhomogeneity in the material.
Each thermocouple had its individual reference junction. The 

reference junction was insulated with silicone rubber so that it 
could be immersed in a reference ice bath,

Dry-Bulb Temperature Measurement, The dry-bulb thermocouples 
were inserted directly intojthe air stream to be measured; no wells 

were used. As a precaution, the thermocouples measuring the cooler 
discharge temperatures were shielded against droplets of entrained 
water. Any water on the junction would evaporate and this would 
result in a temperature lower than the actual temperature,

i

Wet-Bulb Temperature Measurement, The wet-bulb temperatue 
measurements were taken with mechanically aspirated wet-bulb psy- 
chrometers (Figure 16), Originally, the thermocouple junction was 

immediately above the stopper. It was found that heat conduction 
along the wire to the junction caused errors to be introduced. In 

some cases, the error amounted to as much as 1,50F, By bending the 
the thermocouple wires at right angles and extending the junction 
approximately one inch along the dxix of the pipe, this error was 
greatly reduced. The air flowing across the wick cooled the wires and 
reduced the heat conduction. The temperature at the junction, for all 
practical purposes, was the wet-bulb temperature. Care was taken to 

prevent the wick from touching the pipe and picking up heat. The 

pipe was first wrapped with insulating tape to minimize conduction of 
heatj and then with aluminum foil to reduce radiation. The pipe was
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sized so that air flowed across the wick with the required velocity of 

1000-1200 feet per minute. The individual psychrometers were cali

brated against an accurate thermometer type sling psychrometer which 

was graduated in 0<,2°F subdivisions. •

Thermal Emf Measurement. Where precision is required in the 
measurement of thermal emf, a very, accurate potentiometer is required. 
The potentiometer used was a Leeds & Northrup Model 8686 which has 

limits of error of + (0.05% -h 3y6( V) . Since the potentiometer was 
used to measure the emfs of more than one thermocouple, the extension 
wires of each thermocouple had to be run without interconnection, up 

to the switch at the potentiometer. The switch used was a twelve- 

point, silver contact, double pole selector made by Thermo-Electric 

Company.

Watt-Hour Meter. The watt-hour meter used for power measure

ment was a Sangamo Model J. S. single phase meter. This meter is of 

the rotating,disc type. Power consumption was measured by timing the 
revolutions of the meter disc. Power was calculated by the following 

equation:
p _ 3600 an m v

T

where
P = power (watts)

K '•= Meter constant (1.8)
N = Number of revolutions of disc

T = Time for N revolutions



Switches and connections were installed so that the meter could be 
connected to a circuit without interruption. A schematic can be 
seen in Figure 17. The switch was closed under normal conditions.
When a measurement was desired, the watt-hour meter was plugged into 
the electric receptacle and then the switch was opened.

Environmental Control. It was necessary to have some means 
of adjusting the environmental conditions so that testing of the sys

tem could be done under various simulated weather conditions. The 
temperature,and humidity of the inlet air to the primary cooler and
the secondary inlet air to the heat exchanger was artificially

/

controlledo
The temperature of the air was regulated by passing it through 

propane gas heaters. These heaters can be seen in Figure 8-b. The 

temperature was controlled manually by adjusting a needle valve in the 

gas supply line. By constantly adjusting the gas flow during a test, 

the desired temperature could be maintained within 4* 0.5°F for a 
reasonable length of time. However, the cooling done by the system 

eventually changed the conditions in the room where the testing was 
being conducted so that fairly constant inlet temperatures could be 

maintained for only approximately 10 - 15 minutes,

Since the testing was done in the winter, the moisture content 

of the air was quite low. Humidifying sprays (Figure 18) were used 
to raise the relative humidity of the heated inlet air to a reasonable . 
summer value. ThUre was no attempt made to achieve a specified 

relative humidity for any particular dry-bulb temperatured
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68

A consistent and logical test procedure is required to obtain 
repeatable and accurate results. The test sequence listed below will 

give the general order of the various steps of the testing.

. I. The coolers were turned on in order to thoroughly satu

rate the excelsior pads before starting the test.
2 e The wet-bulb psychrometers were visually inspected to

determine if the wick was thoroughly wet.
3 e The gas heaters were started and the humidifying sprays

turned on.
4o Readings were taken on the wet-bulb and dry-bulb thermo

couples o Since the heat exchanger had not been turned on, 

the condition of the air flowing through would remain 

constant. Therefore, the inlet and outlet thermocouples 

on either side could be checked against each other for 

accuracy.

5 o The heat exchanger was turned on.
6 o The heaters were adjusted to achieve the required dry-

bulb inlet conditionso
7.o The air flow was measured in the primary and secondary

sides e A temperature was taken at each air flow measure
ment location. Air flow was quite constant and so mea

surements were taken only before and after the test.

S. Individual KW readings were taken on the primary and

secondary cooler motors and on the heat exchanger motor.
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9 o The KWH meter was connected to measure the total system 

power consumptiono
10o If the temperatures were steady and at the desired condi

tions, the test was started.
11o The twelve dry-bulb and wet-bulb temperature readings were 

taken continuously for the duration of the test. The 
test duration was governed by the length of time that 
the inlet dry-bulb temperatures were maintained within 

4- 0.5°F of the desired temperature. The test had to be 
of at least a ten-minute duration to be acceptable.

12. Total system power consumption was measured at five 

minute intervals.
13. When the test was completed, the air flow and the power 

consumption of the individual components were again mea

sured.

14b Thermocouple temperatures were corrected from their cali

bration curves and then plotted on a psychrometric chart 
to see if they seemed reasonable. If so* the test results 

were accepted. >



CHAPTER VIII

EXPERIMENTAL RESULTS

This chapter is concerned with the (1) analysis of test 

results, (2) the calculation of the theoretical performance of the 

system, (3) the applicability of the system to human comfort cooling, 

and (4) recommendations concerning the modification of the system to 

achieve more desirable results.

CALCULATION OF RESULTS

Many tests were run on the experimental system. The test 

data listed in Table II represent the four most valid tests that were 
obtained. The locations in the system where test data was taken can be 

seen in Figure 7. The majority of the invalid tests were found to 

have either flow or wet-bulb temperature measurement errors. The per
formance of the direct, indirect, and combined systems were calculated 

according to the procedures set forth in Chapter VI. The results are 

listed in Tables III, IV, and V, respectively.

Summer Design Performance. In order to ascertain the effec~ 

tiveness of the combined, indirect, and direct systems as comfort 

cooling devices when operating under summer design conditions 

(Phoenix, Arizona), the following calculations were made using ap

plicable performance results taken from test 1 and summer design

70
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TABLE II 
TEST DATA

Test 1 Test 2 Test 3 Test 4

Primary. System
Dry-bulb temperature (°F) 

Point,a 
Point b 

' Point c j

107.1
84.0
99.7

107.1
84.3
100.4

97.4
79.9
92.6

89.4 
75.2 
85.0

. Wet-bulb temperature (0F) 
Point a 
Point b 
Point c

70.6
71.0
75.4

69.6
69.6
74.6

68.3
68.5
72.0

66.9
66.8
69.6

Air flow (Ibs./min*)
w p

46.3 47.3 46.8 45.9

Power consumption (kilowatts) 
PP 0.35 0,35 0.36 0.36

Secondary System
QDry-bulb temperature ( F) 

Point d 
Point e 
Point f

105.5
91.5
74.0

109.0
92,6
75.5

99.1 
85.6 

. 71«5

89.8
80.2
69,3

Wet-bulb temperature (°F) 
Point d 
Point e 
Point f

70.3 
, 65.2 
' 65.5

70.2
66.1
66.4

68.4
64.7.
65,1

66.6
64,0
64.3

Air flow (lbs ./min.) 
Ws 48.2 47.4 47.9 48.1

Power consumption (kilowatts)
' ' V  ■

0.26 0.26 0.25 0.26

Heat Exchanger
Power consumption (kilowatts)

ph 0.09 0.10 0.09 0.09



TABLE III

DIRECT EVAPORATIVE COOLER RESULTS.

TEST WET-BULB 
DEPRESSION

SATURATION
EFFICIENCY

NET SENSIBLE ■ 
HEAT CONVERSION

UNIT SENSIBLE 
HEAT CONVERSION

UNIT SENSIBLE 
HEAT RATE

", Btu/min Btu/min-°F Btu/min-°F-kw

PRIM.
COOLER

SECOND.
COOLER

PRIM.
COOLER

SECOND.
COOLER

PRIM.
COOLER

SECOND.
COOLER

PRIM.
COOLER

SECOND. 
COOLER

PRIM.
COOLER

SECOND.
COOLER

. 1 36.5 26.3 0.633 0.665 256.7 ' 202.4 7.03 7.70. 20.09 29.62

2 37.8 26.5 0.611 0.645 262.2 194.5 6.94 7.34 19,83 28.23
3 29.1 20.9 0.601 0.675 196.6 162.1 6.76 7.76 18.78 31.04
4 22.5 16.2 0.631 0.673 156.4" 125,8 6.95 7.77 19.31 29.88

Summer
Design 29.0 13.3 0.633 0.665 206.7 153.9 7.13

.
7.70

:
20.37

. . 
29.62

Theoret
ical
Perfor
mance

..29.0 14.7 0.800

_

"
0.800

. . . . J
261.7 133.1 9.02 9.05

...

34.69 34.81

L ' ..
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TABLE IV 
INDIRECT SYSTEM RESULTS

TEST NET SENSIBLE 
COOLING

UNIT SENSIBLE 
COOLING

UNIT SENSIBLE 
HEAT RATE

WET-BULB 
DEPRESSION

Btu/min Btu/min-°F Btu/min-°F-kw °F

1 .185.1 5.07 7.24 ' 36.5
2 186.6 4.93 ; 6.94 37.8

3 155.2 . 5.33 7.61 29.1 ..
4 111.8 4.97 7.00 22.5

Summer
Design 144.6 4.99 7.13 29.0 .

Theoretical
Performance 222,2 7.66

. .....................  ,  .

12.56
' '

29.0
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TABLE V 
COMBINED SYSTEM RESULTS

TEST NET SENSIBLE. 
COOLING

UNIT SENSIBLE 
COOLING

UNIT SENSIBLE 
HEAT RATE

AVERAGE 
WET-BULB 
DEPRESSION

Btu/min Btu/min~°F Btu/min-°F-kw °F

I 387.5 10.52 15.03 ■ 36.85
2 381.1 9.95 14.01 38.3

3 317.3 10.61 15.16 29.9
4 237.6 10.40 14.65 22.85

Summer
Design 298.5 10.29 14.70 29.0

Theoretical
Performance 355.2 12.25 20.08 29.0___ -
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conditions of 105.0 °F db and 76.0 °F wb.
Sample Calculations.
A. Conditions at the primary cooler outlet.

r  _ tdb(a) - tdb(b)

0.633 =

tdb(a) - twb(a)

105.0 - tdb,Xkl105.0 - 76.0
tdb — 86.6 F 

twb(b) = twb(a) = 76.0 °F

B. Primary cooler outlet.

= WP CP (tdb(a) " tdb(b))

•y/p = 46.3 (0.24) (105.0 - 86.6) = 206.7 Btu/min

<t>0 -----------------
P tdb(a) " twb(a)

0p = ----   = 7.13 Btu/min - °F
v 105.0 - 76.0

A
pP

~7\v = = 20.37 Btu/min - °F - kwr 0.35
C. Indirect system performance.

7s =  ̂- a)
0.681 = -1-0— td— CgJL105.0 - 86.6
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tdb(e) = 92.5 °F
twb(e) = 72.5 (from psychrometric chart) 

^  = Wg Cp (tdb(d) - tdb(e))
^  = 48.2 (0.24) (105.0 - 92.5)

= 144.6 Btu/min

V
y
0 '

0 '

0'
I

7 \

tdb(d) - ^ ( d )
 144.6
105.0 - 76.0

= 4.99 Btu/min - °F

______
PP + Ps + Ph

= ________^99------
0.35 + 0.26 + 0.09

'TX = 7.13 Btu/min - °F - kw

D. Secondary cooler performance.

t  _ tdb(e) - tdb(f)

0.665 -

tdb(e) - twb(e)
92.5 - tdb(f)
92.5 - 72.5

tdb(f) = 79.2 °F

twb(f) = twb(e) = 72.5 °F 

™)^ = Ws cp (tdb(e) - tdb^f))
^ 5  = 48.2 (0.24) (92.5 - 79.2)

= 153.9 Btu/min

& tdb(e) ‘ twb(e)
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153.9
^ * 92.5 - 72.5

= 7.70 Btu/min - °F

7\, =A_P.
7.70

= 0.26

S = 29.62 Btu/min - °F - kw
E. Combined system performance.

-y/t =V+ 5̂
-y/t = 144.6 + 153.9 

= 298.5 Btu/min

% tdb(d) - twb(d)
298.5 

105.0 - 76.00 .  -

= 10.29 Btu/min - °F

~ ] \  —' t  P + P + P
P s h

7 <. = 10.29______
^ 0.35 + 0.26 + 0.09

= 14.70 Btu/min - °F - kw

Results of the above calculations are listed in Tables III,

IV, and V, under the heading of "Summer Design".

Theoretical Performance. The results of the tests indicated 

that the system components were not operating as effectively as

possible. The two evaporative coolers were operating between 60 and
v



68 percent saturation efficiency* An evaporative < cooler which was
specifically designed for this particular typG of^application
could operate at approximately 80 percent saturation efficiency*

9The heat exchanger9 while having a fairly good effective
ness 5 still did not- operate as efficiently as commercially avail
able units* An effectiveness of 85 percent would be reasonable for 

a commercial unit*
An analysis was made of the performance of a theoretically 

possible system utilizing the above mentioned possible component 
capabilities* In order to make this type of analysis, several 
assumptions were made* Since the total pressure on each of the 
evaporative cooler blowers was approximately the same, calculation 
of the theoretical performance was made assuming equal flows and 

power consumption for both evaporative coolers* For calculation 
purposes, the sensible heat regain was assumed to be negligible*
In order to perform the calculations, the following data was used 

as design conditions*
Design ambient temperatures - 105*0 °F dry-bulb* and 76o0°F

wet-bulb*

Primary and secondary air flows - 47*0 Ibs/min*

Primary and secondary power - 0*26 kilowatts*
Primary and secondary saturation efficiency - 0*80*

Heat exchanger effectiveness - 0*85*



Heat exchanger power - 0,09 kilowatts

Using these data, and making the same kind of analysis that was made 
in the section entitled "Summer Design. Performance”, pp* 67r74> 
performance data was obtained. These performance results are listed 
in Tables III, IV, and V, under the heading of "Theoretical

j. .Performance",

EVALUATION OF RESULTS

This section will be concerned with the evaluation of the 
performance results obtained in the previous section. The comfort 

analysis will be discussed in a following section.
In order to facilitate comparison of the results of the ex

perimental system with other systems,such as mechanical refrigeration 

tons of sensible cooling obtained per horsepower consumed were cal

culated and are shown in Table VI.

Direct Evaporative System, The main deficiencies indicated 

by the testing of the direct evaporative coolers were that, (1) the 

air flow was only one third of the rated flow at zero static pressure, 
(2) the power consumption of each cooler motor was greater than the 

nameplate rating of the motor, and (3) the saturation efficiency of 
both coolers was lower than could normally be expected. Items 1 and 
2 are definitely related. The low air flows obtained, and the ex

cessive power consumption were due.to high frictional resistance in 

the heat exchanger<> This frictional resistance was the largest con-



TABLE VI

COOLING SYSTEMS OUTPUT-POWER COMPARISON

TEST PRIMARY COOLER SECONDARY COOLER INDIRECT SYSTEM COMBINED SYSTEM

WET-BULB 
DEPRESSION 

°F

TONS/HP WET-BULB 
DEPRESSION 

°F

TONS/HP WET-BULB 
DEPRESSION 

°F

TONS/HP WET-BULB 
DEPRESSION 

°F

TONS/HP

1 36.5 2,73 26.3 2.90 36.5 0.98 36.85 2.07

2 37.8 2.80 26.5 2.79 37.8 0.98 38.3 2.01

3 29.1 2.04 20.9 2.42 29.1 0.83 29.9 1.69

4 22.5 1.62 16.2 1.80 22.5 0.59 22.85 1.25

Summer
Design 29.0 ' 2.20 13.3 " 2.21 29.0 0.76 29.0 1.57

Theoretical
Performance

■
29.0 3.75 14.7 1.91 29.0 1.18 29.0 1.89
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tributing factor to the inefficient operation of the system. Low 
saturation efficiencies of the two coolers were apparently due to 
poor water distribution on the excelsior pads. Several steps were 

taken to alleviate this problem. The amount of water flow over the 
pads was varied with little result other than a decrease in saturation 

efficiency when the flow was excessively reduced. The pads were 

individually soaked in water for several hours before testing, since 

it was observed that the pads were not being thoroughly wetted during 

operation". None of these measures helped appreciably. The main 

problem was that the water distribution trays were not designed prop

erly. The disbribution outlets were spaced too far apart to effec
tively wet the pads. Properly designed evaporative coolers or air 

washers would have given more desirable results.

One important conclusion can be obtained from the test results. 
In the Theoretical Performance calculation results listed in Table III, 

it is noted that the ratio of primary to secondary cooler net sensible 

heat conversion is larger than the ratio obtained during the actual 

tests. This is due to the fact that, with increased component ef
ficiencies, the wet-bulb depression of the air entering the secondary 

cooler was smaller and therefore less potential cooling was available. 

This leads to the conclusion that it is more important for the primary 

cooler to be operating efficiently than it is for the secondary 

cooler. In fact, excessive saturation efficiency on the part of the 

secondary cooler could cause discomfort due to excessive humidity.



82

The primary cooler should be as efficient as possible since its dis
charge is not used directly for comfort cooling, but is used solely 
to sensibly cool the heat exchanger. Saturation efficiencies of 
ninety percent or greater can be obtained with multiple spray bank air 
washers. This would be an effective method of primary cooling. An 

evaporative pad cooler, or a single spray bank air washer would be 

adequate for the secondary cooler.

Indirect System. The indirect unit's performance is shown in 

Table IV. It can be seen that the net sensible cooling of the indirect 

system was lower than the net sensible heat conversion of the primary 
direct cooler. This was due to the fact that in the indirect system, 

approximately thirty percent of the cooling capacity of the primary 

cooler was lost because the heat exchanger was operating at only ap
proximately seventy percent efficiency., Therefore, it is to be ex

pected that with equal flows and wet-bulb depression, an indirect 

system will produce less sensible cooling than a direct system. This 

is also indicated by noticing that the unit sensible heat conversion 

of the direct system was larger than the unit sensible cooling of the 
indirect system. However, the conditioned air from the indirect 

system will have a lower specific humidity than that of the direct 

system.
Comparing the unit sensible heat rate of the indirect system 

with that of the direct evaporative coolers, it is seen that the in

direct system's unit sensible heat rate is much lower. This is caused
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by two factors; (1) the indirect system utilizes two motor-driven 
fans and one motor-driven heat exchanger, compared with just one fan 

for the direct system, and (2) the lesser degree of sensible cooling 

of the indirect system. Table VI indicates the performance of the 
indirect system in tons/hp. These figures can be compared with me

chanical refrigeration units of similar output whichican produce about
1.0 tons/hp. The results show that in all test runs, the indirect 
unit was operating less, efficiently than comparable refrigeration 
units. The Theoretical Performance calculations indicate that while 

the indirect unit would be more efficient than mechanical refrigera

tion at summer design conditions, the margin of superiority was small. 
At lower wet-bulb depressions, the refrigeration unit would be more 

economical. The Theoretical Performance calculations were made using 

more efficient components, but the same magnitudes of air flows and 
power consumption of magnitudes encountered during testing of the test 

apparatus were used. This indicates that just using direct, coolers 

with high saturation efficiencies and heat exchanger with a high ef

fectiveness is not enough to obtain efficient cooling. The main con

tributing factor to system inefficiency was the high frictional resis

tance of heat exchanger. This points out. the necessity of having a 

heat exchanger with low frictional resistance as well as having high 

thermal exchange effectiveness.

The Combined System. The combined system's performance is 

shown in Table V. The combined system produced more sensible cooling



than either the indirect or direct system. In addition, the amount 
of cooling per degree of wet-bulb depression (unit sensible cooling, 
Btu/°F) was also larger than was obtained by either the indirect or 

direct system. The results show that as a cooling device, the combined 
system operates quite effectively.. The unit sensible heat rate of the 
combined system lies between that of the direct and indirect systems.
As in the case of the indirect system, the performance of the com

bined system was penalized by the high frictional resistance of the 
heat exchanger. Less friction loss would have resulted in both higher 

flows with a corresponding higher net sensible cooling, and less 
power consumption. The tons/hp figures in Table VI indicate that, 

depending upon the wet-bulb depression, the experimental combined 
system had approximately one and one-half to two times the cooling 
capacity per horsepower of a comparably sized mechanical refrigeration 

unit. With properly designed components, this type of cooling system 

would have even a greater economic advantage than that of mechanical 

refrigeration.

COMFORT ANALYSIS

The capacity or economy of a comfort cooling system is 

..irrelevant if the prime objective is not achieved: that of obtaining 
comfortable environmental conditions.

The results of the four tests and the two theoretical calcu

lations were analyzed for comfort producing capabilities. In opera

tion, it is possible to utilize the system in three ways; (1) using
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the direct.secondary evaporative cooler only* (2) using the indirect 

system, and (3) using the combined system* Enough data were taken 
during each test of the combined system so that individual tests of 
the direct and indirect systems were not required. However, one v 
assumption had to be made. Since the air to the secondary cooler, is 
precooled by the heat exchanger, the output of the cooler is at dif
ferent conditions than it would be if the cooler was cooling outside 

ambient air. For this reason, primary cooler data were used.for the 

analysis of the comfort producing capabilities of the direct unit;
This will result, in a slight difference in the results since the pri
mary cooler was less efficient than the secondary cooler. However, 
the difference is small, and the results are indicative of the type 
of performance that can be expected.

As stated in Chapter III, the conditioned air in an evapora

tive cooling system should gain at least 6 °F indoors before it is 
discharged from the space to be cooled. For ease of analysis, it will 
be assumed that this temperature rise is due to a gain in sensible

heat only. Assuming that the heat load on the room was such that the. 
o6 F rise was obtained, the comfort results can be found from the com

fort chart. These data, along with the Effective Temperature,- are tabu--: 

lated in Table VII.

Direct Unit Performance. The direct unit produced partially 

comfortable conditions in Tests 3 and 4 only, and even these conditions 

were out of the comfort zone. Tests 1 and 2 indicate that zero percent
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TABLE VII 

COMFORT CONDITIONS

TEST COOLING SYSTEM COMFORT CHART 

% COMFORTABLE
EFFECTIVE TEMPERATURE

1 Direct 0 . 80.5
Indirect 0 81.0
Combined 60 74.2

2 Direct 0 80.0
Indirect 0 81.5
Combined 47 75.2

3 . Direct 24 77.9 c,
Indirect 11 ' 78.6
Combined 77 72.8

4 Direct 47 75.1
Indirect 39 . 76.2

Combined 94 71.3

Summer Direct 0 83.4 '
Design

Indirect 83.9
Combined 4 .. 79.2

Theoretical Direct 0 00

Performance
Indirect 0 80.8 .
Combined 41 75.8 .



of the people would he comfortable under these conditions. Some 
degree of comfort cooling could have been obtained if the cooler had 

been operating at eighty percent efficiency. The test equipment,- 
operating at design conditions of 105 °F dry-bulb and 76 °F wet-bulb, 

would produce conditions comfortable to zero percent of the people.
The Theoretical Performance analysis showed that at summer design 
conditions, and using a cooler of eighty percent saturation efficiency, 
the zero percent comfort line was not obtained. The Theoretical 

Performance analysis showed that at summer design conditions, using 
a cooler of eighty percent saturation efficiency, the conditioned air 

would be comfortable to zero percent of the people. These results 

indicate that during part of the cooling season, evaporative coolers 

are discomfort reducers, not comfort producers.

Indirect System Performance. It was originally expected that 

the indirect unit could be used for comfort cooling at times when it 

was cool enough so that the combined system was not required. The 

results of the tests show that this expectation was not realized by 

the test apparatus„ In fact* the tests show that in all cases using 
the test apparatus, the evaporative cooler consistently produced 

slightly more comfortable conditions than the indirect unit. Only in 

the Theoretical Performance analysis did the indirect unit produce 
more comfortable conditions than the direct unit. Even in this case, 
the advantage was marginal. This would indicate that it would not be 

advisable to use the indirect system by itself as a comfort cooling .



device since it is not as economical as a direct unit. There is one 
possible modification of the indirect system that would permit its 

1: effective use as a comfort cooling system. This modification would 
involve the return of the discharge air from the conditioned areas, 
back to the inlet of the primary cooler. This air, since it had been 

originally cooled by the indirect system, would have both lower dry- 

. bulb and wet-bulb temperatures than the outside ambient air. There
fore, the primary cooler would have a lower outlet temperature, and 
the performance of the indirect unit would be improved. This modifi
cation would involve the addition of return ducts, dampers, and other 
equipment. This would increase the cost of the installation. The 
decision to use this modification would have to depend upon an eco

nomic analysis.

The indirect, system does effectively sensibly Cool hot 
air, and, with the previously mentioned modifications, could do this 

economically. An ideal application would be to use it as a precooling - - 
system for make up air that is to be cooled, by refrigeration. This 

would be used in an application where large quantities of make up air 

are required, such as in hospitals, bowling alleys, night clubs, etc..

Combined System Performance. The combined system did a very 

creditable job of comfort cooling under the test conditions. In tests 

1, 2, and 4, the conditioned air was in the comfort zone, i. e., at 

least fifty percent of the people would be comfortable. Test 3, the 
only test out of the comfort zone, indicated that forty-seven percent
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of the people would be comfortable. Therefore, even this test sup
plied fairly comfortable conditions„ These results establish the 

superiority of the combined system over either the direct or indirect 

systems, Only in tests 3 and 4, could the direct.or indirect systems 
produce conditions, which would be comfortable to greater than zero 
percent of the people. However, even in the&e cases, the conditions 

obtained were not in the comfort zone. The Summer Design analysis 

indicated that the conditioned air from the combined system would be 

comfortable to only four percent of the people. However, the con

ditions were still preferable to those obtained by either the 
indirect or direct systems. The indirect and direct systems condi
tions were far enough from the zero percent line on the comfort chart 

to indicate that the conditions obtained were definitely uncomfortable 
The analysis under the Theoretical Performance conditions indicated 
that the conditioned air would be comfortable to forty-one percent 
of the people. This figure is quite acceptable when it is considered 
that summer design conditions are experienced for only a small per
centage of the time during the summer months. The results obtained 
from the indirect and direct system indicate that zero,percent of 

the people would be comfortable under the Theoretical Performance 

conditions.
The results indicate that the combined system is feasible 

as a practical comfort cooling source, and is superior to either 

direct or indirect evaporative coolings



RECOMMENDATIONS AND CONCLUSIONS

Recommendations0 The combined system, as constructed, was 

excessively large and bulky.. Part of this was intentional, in order 

to provide accessibility for testing the system. The fact that 

the components were not designed specifically for this type of 

application contributed greatly to the physical size. The physical 

size of any combined system must, by necessity, be large in order to 

accommodate adequate heat transfer and evaporative surface areas.

If the system was consolidated into a single housing, the ratio of 

physical volume to cooling capacity could be decreased. More

over, it is suggested that the individual fan motors and water pumps 

on each cooler could be replaced by one main motor, that would drive 

both fans and a water pump common to both direct coolers. It would A 

also be possible to use one fan to supply the air to both direct 

coolers. However, this would increase the complexity of the system 

housing; its feasibility would depend upon an economic analysis.

Conclusions, More investigation as to physical design and 

component selection must be made before a marketable combined system 

can be constructed. The results of the tests indicate that con- 

bination direct-direct evaporative cooling could become an economical 

and feasible method of comfort cooling.
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